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ABSTRACT 

Vibroacoustic comfort is becoming more and more a fundamental requirement for 

the development of new products in both transport and civil engineering. The 

demand for improved performance is particularly challenging due to the increasing 

employment of lightweight composite materials in aircraft panels, vehicle body 

structures and building partitions. Indeed, composite materials are widely used for 

their high stiffness-to-weight ratio, although this characteristic, beside a generally 

low structural damping, implies poor vibroacoustic performances. Viscoelastic or 

massive treatments are commonly employed to mitigate these drawbacks. With 

reference to the airborne path, the application of active control is here investigated 

for improving the panel Transmission Loss at low frequency, where passive 

treatments are less effective. A time domain model for predicting the Transmission 

Loss in case of single or diffuse field incidence is presented. The model is validated 

against experimental measurements performed in a double reverberation chamber. 

Then, active control is introduced into the model and its effectiveness in increasing 

the panel acoustic insulation is verified. 
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1. INTRODUCTION 

The industry interest in lightweight composite materials and structures is 

constantly increasing together with the range of applications where such materials are 

employed. Airplane and train flooring, cabin structures and wall partitions are just some 
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examples of systems where lightweight materials are used thanks to their high stiffness-to-

weight ratio. This characteristic, however, generally implies poor vibro-acoustic 

performances, leading to the need of proper countermeasures. With reference to the 

airborne path, several solutions have been investigated in the literature, ranging from the 

modelling of multilayer panels eventually including noise control treatments [1-5] to the 

application of an actuating system for active noise control [6-13]. A review of the state-

of-the-art of active vibration and noise suppression was done by Aridogan and Basdogan 

[11] and the linear-quadratic regulator (LQR) was studied by Balamurugan and 

Narayanan [12] for distributed sensors and actuators. 

The present paper deals with the application of an active control system for 

enhancing the Transmission Loss (TL) of lightweight panels. In particular, the interest is 

in the low frequency range where passive solutions, such as massive and damping 

treatments, are less effective. As a first step, a transmission model for assessing the TL 

of thin panels is developed similarly to the one presented by Lu and Xin [4]. A validation 

of the current approach is then provided by comparing the numerically predicted TL 

against that measured in a double reverberation chamber [14]. An LQR control is then 

designed and its effectiveness assessed by numerical simulations of an acoustically 

excited aluminium panel. 

 

2.  TRANSMISSION LOSS MODEL 

The investigation of the Transmission Loss performance of a panel is here 

investigated considering a thin in-plane isotropic flat rectangular plate featured by a 

constant thickness. The panel can be characterized by an arbitrary stacking sequence as 

far as transversally stiff materials are used realizing an in-phase motion of the outer skins. 

As schematically represented in Figure 1, the panel has side dimensions 𝑎 and 𝑏, and 

thickness ℎ. The plate is assumed to be in an infinite rigid baffle, with arbitrary boundary 

conditions being the present approach applicable for any kind of constrains, as far as 

analytical or numerical definition of the mode shapes is available. The panel is confined 

on both sides of the plate by the fluid termed 1 and 2 having properties 𝜌𝑖, 𝑐𝑖 and 𝑘𝑖 (for 

𝑖 = 1, 2), corresponding to the fluid density, sound speed and characteristic wave number 

respectively. 

 

 
Figure 1 – Schematic view of the sound transmission through a panel immersed in air: (a) overall view; 

(b) view in the x-y plane [4] 

 

As shown in Figure 1, the middle thickness plane coincides with the x-y plane 

whereas the z-axis points in the thickness direction. A plane wave acoustic excitation is 



considered on the bottom side of the panel (z<0) with incidence angle γ1 and azimuth 

angle θ. The acoustic excitation induces a vibration of the plate that in turn radiates sound 

on both sides, realizing an incident/reflected field for z<0 and a transmitted field for z>0. 

Considering the pressure fluctuations on both sides of the plate, the equation of motion 

of the plate can be described according to the Kirchhoff’s theory as 
 

𝐵∇4𝑤(𝑥, 𝑦, 𝑡) + 𝑚
𝜕2𝑤

𝜕𝑡2
(𝑥, 𝑦, 𝑡) = 𝑝1(𝑥, 𝑦, 0, 𝑡) − 𝑝2(𝑥, 𝑦, 0, 𝑡) (1) 

 

where the pressure fields act as forcing terms on the right-hand side of Equation 1 being 

𝑝1(𝑥, 𝑦, 0, 𝑡) the pressure field formed by the incident and reflected waves at the plate 

surface and similarly 𝑝2(𝑥, 𝑦, 0, 𝑡) accounting for the pressure filed realized by the 

trasmitted wave solely. In Equation 1, B is the panel bending stiffness, m is the surface 

density whereas w is the plate displacement in the z positive direction. Considering the 

relationship 𝑝𝑖 = 𝜌𝑖
𝜕𝜙𝑖

𝜕𝑡
 (for 𝑖 = 1, 2), the velocity potentials 𝜙𝑖 on both sides of the plate 

are defined as 
 

𝜙1(𝑥, 𝑦, 𝑧, 𝑡) = 𝐼0𝑒−𝑗(𝑘1𝑥𝑥+𝑘1𝑦𝑦+𝑘1𝑧𝑧−𝜔𝑡) + 𝛽0𝑒−𝑗(𝑘1𝑥𝑥+𝑘1𝑦𝑦−𝑘1𝑧𝑧−𝜔𝑡)
 (2a) 

𝜙2(𝑥, 𝑦, 𝑧, 𝑡) = 𝜀0𝑒−𝑗(𝑘2𝑥𝑥+𝑘2𝑦𝑦+𝑘2𝑧𝑧−𝜔𝑡)
 (2b) 

 

where ω is the angular frequency and I0, β0 and ε0 are the amplitudes of the incident, 

reflected and transmitted plane waves respectively. Assuming the same fluid on both 

sides, the γi angles are equal as well as the wavenumber components kix, kiy and kiz. 

Equation 2 can be rewritten by expanding the velocity fields over planes parallel to x-y 

(see Figure 1) as a linear combination of the panel mode shapes 𝜑𝑖(𝑥, 𝑦) as 
 

𝛷1(𝑥, 𝑦, 𝑧; 𝑡) = ∑ 𝐼𝑖𝜑𝑖(𝑥, 𝑦)𝑒−𝑗(𝑘1𝑧𝑧−𝜔𝑡)

∞

𝑖=1

+ ∑ 𝛽𝑖𝜑𝑖(𝑥, 𝑦)𝑒−𝑗(−𝑘1𝑧𝑧−𝜔𝑡)

∞

𝑖=1

 (3a) 

𝛷2(𝑥, 𝑦, 𝑧; 𝑡) = ∑ 𝜀𝑖𝜑𝑖(𝑥, 𝑦)𝑒−𝑗(𝑘2𝑧𝑧−𝜔𝑡)

∞

𝑖=1

 (3b) 

 

where each modal amplitude (Ii, βi, εi) is related to the plane wave amplitudes (I0, β0, ε0) 

as 
 

𝜆𝑖 = ∫ ∫ 𝜆0𝑒−𝑗(𝑘1𝑥𝑥+𝑘1𝑦𝑦)𝜑𝑖(𝑥, 𝑦) 𝑑𝑥𝑑𝑦

𝑎

0

𝑏

0

 (4) 

 

and where 𝜆 refers to any generic amplitude (incident, reflected or transmitted). Imposing 

the same velocity for the fluid and the plate at the interface and describing the dynamic 

panel displacement through the superposition, so as 
 

𝑤(𝑥, 𝑦; 𝑡) = ∑ 𝜑𝑖𝑞𝑖(𝑡)

∞

𝑖=1

= ∑ 𝜑𝑖𝑞0,𝑖𝑒
𝑗𝜔𝑡

∞

𝑖=1

 (5) 

 

and the equation of motion in the generalized coordinate 𝑞0,𝑖 becomes 
 

[−𝑚𝜔2 + 2𝑗𝜔𝜌
𝜔

𝑘𝑧
+ 𝑚𝜔𝑖

2] 𝑞0,𝑖 = 2𝑗𝜔𝜌𝐼𝑖 (6) 

 



Equation 6 shows the effect of the fluid-structure coupling realizing equivalent 

damping terms depending on the fluid properties and incident angle. Gathering the first 

N modal coordinates and their time derivatives in the vectors 𝑞, �̇� and �̈� respectively, the 

panel equation of motion is derived through Equation 5 as 
 

[𝑀]�̈� + [𝐶𝐹]�̇� + [𝐾]𝑞 = 2𝜌𝐼 ̇ (7) 
 

where [𝑀] and [𝐾] are the modal mass and stiffness matrices. By solving Equation 6, for 

a given incident wave, the pressure on both sides can be fully determined and the 

Transmission Loss (TL) can be computed 
 

𝜏 = П2/П1      →          𝑇𝐿 = 10log (1/𝜏) (8) 
 

where 𝜏 is the transmission coefficient [7] while П1 and П2 are the acoustic powers 

defined as 
 

П1 =
1

𝑇
∫ ∬

𝜌

𝑐
(2𝐼0𝑒−𝑗(𝑘1𝑥𝑥+𝑘1𝑦𝑦)𝑗𝜔𝑒𝑗𝜔𝑡 −

𝑐

cos (𝛾1)
𝜑𝑇�̇�)

2

𝑑𝐴 𝑑𝑡 (9a) 

П2 =
1

𝑇
∫ ∬

𝜌𝑐

cos(𝛾2)
𝜑𝑇�̇� 𝑑𝐴 𝑑𝑡 (9b) 

 

Combining the transmission coefficients computed for different incident and 

azimuth angles, the transmission coefficient of the panel excited by a diffuse acoustic 

field is derived as 
 

𝜏𝑑𝑖𝑓𝑓 =
∫ ∫ 𝜏(𝛾1, 𝜃, 𝜔) sin(𝛾1) cos(𝛾1)

2𝜋

0

𝛾1 𝑚𝑎𝑥

0
𝑑𝜃𝑑𝛾1

∫ ∫ sin(𝛾1) cos(𝛾1)
2𝜋

0

𝛾1 𝑚𝑎𝑥

0
𝑑𝜃𝑑𝛾1

  (10) 

  

3.  EXPERIMENTAL VALIDATION 

In order to validate the model presented in the previous section, Transmission 

Loss tests have been performed at CSI S.p.A according to the ISO standard 10140-2 [14]. 

The testing facility consists of two coupled reverberation chambers, i.e. a source chamber 

and a receiving one, sharing an aperture where a concrete frame is installed. The test 

specimen is then positioned in a predisposed opening in the concrete frame and sealed on 

both sides in order to avoid leakages that would invalidate the measurement. Figure 2 

shows the source and the receiving chambers. 
 

  
Figure 2 – Transmission Loss facility: source (left) and receiving (right) reverberant chambers. 



In the source chamber a sound source is moved on a linear guide in order to assure 

sound field diffuseness. Measurements with a moving microphone are performed in order 

to evaluate the space-averaged sound pressure level both in the source and receiving 

chamber, while the sound source in the source chamber is on. The Transmission Loss is 

then estimated according to [14] as 
 

𝑇𝐿 = 𝐿𝑝𝑆 − 𝐿𝑝𝑅 + log (𝑆/𝐴)  (11) 
 

where 𝐿𝑝𝑆 and 𝐿𝑝𝑅 are the average Sound Pressure Levels in the source and receiving 

chamber respectively, 𝑆 is specimen surface and 𝐴 is the equivalent sound absorption area 

in the receiving chamber. The latter equivalent sound absorption area is estimated from 

the reverberation time in the receiving chamber. Indeed, prior to each measurement and 

after the test specimen is mounted in the frame, the reverberation time of the receiving 

chamber is evaluated by measuring the Sound Pressure Level drop when a sound source 

on the receiving chamber side is suddenly switched off. 

Figure 3 compares the experimental TL and numerical prediction, based on the 

model presented in the previous section (Equation 10), for an aluminium panel of 

dimensions a=1.240 m, b=0.990 m, s=0.005 m and properties E=69 GPa (Young’s 

modulus), ν=0.3 (Poisson coefficient) and m=13.71 kg/m2 (mass per unit area). Simply 

supported boundary conditions have been assumed for the panel. The air domain on both 

sides is considered with ρ=1.22 kg/m3 and c=343 m/s. 
 

 
Figure 3 – Diffuse field Transmission Loss: numerical-experimental comparison. 

 

A good match between the experimental and numerical TL over the whole 

frequency range (100-10000 Hz) is shown. In particular, the region around the critical 

frequency fc=2.5 kHz is correctly caught as well as the low frequency range dependent 

on both the panel mass and the boundary conditions. A slight underestimation of damping 

can be observed at the critical frequency, this is mainly due to the absence of structural 

damping and the presence of ideal boundary conditions in the numerical model. 

 

 

 

 



4.  DESIGN AND APPLICATION OF AN ACTIVE CONTROL SYSTEM 

In order to enhance the TL performance of the panel, Equation 7 is rewritten 

including an active control term 
 

[𝑀]�̈� + [𝐶𝐹]�̇� + [𝐾]𝑞 = 2𝜌𝐼̇ + 𝜑𝑇[𝐵𝑐]𝐹𝑐 (12) 
 

where the vector 𝐹𝑐 contains the feedback forces. In Equation 10 𝜑𝑇[𝐵𝑐] is a matrix whose 

elements correspond to the modes evaluated at the forcing points. Equation 12 in state 

space form becomes 
 

�̇� = [
−[𝑀]−1[𝐶𝐹] −[𝑀]−1[𝐾]

[𝐼]𝑁𝑥𝑁 [0]𝑁𝑥𝑁
] 𝑧 + [

2𝜌[𝑀]−1

[0]𝑁𝑥𝑁
] 𝐼̇ + [

[𝑀]−1𝜑𝑇[𝐵𝑐]

[0]𝑁𝑥𝑀
] 𝐹𝑐 (13) 

 

where 𝑧 = [�̇� 𝑞]
𝑇

is the state vector, the first matrix is the state-space matrix, the second 

term is associated to the disturbance whereas the third term corresponds to the control 

contributions. Considering a feedback control law (𝐹𝑐 = [𝐾𝑐]𝑧), Equation 13 becomes 
 

�̇� = [[
−[𝑀]−1[𝐶𝐹] −[𝑀]−1[𝐾]

[𝐼]𝑁𝑥𝑁 [0]𝑁𝑥𝑁
] + [

[𝑀]−1𝜑𝑇[𝐵𝑐][𝐾𝑐]
[0]𝑁𝑥2𝑁

]] 𝑧 + [
2𝜌[𝑀]−1

[0]𝑁𝑥𝑁
] 𝐼 ̇ (14) 

 

Different control algorithms can be adopted for computing the gain matrix [𝐾𝑐] 
depending on the objective to be reached. For instance, the IMSC control [17-18-19] is 

able to act directly on the damping and the stiffness of the plate keeping the mode shapes 

unaltered and the equations of motion decoupled. On the other side, the DMSC [15-16] 

modifies also the structure mode shapes, by exploiting a full gain matrix. This way it is 

possible to increase or reduce the energy introduced in the panel by the external 

disturbance. 

Another well-known control algorithm is the LQR [20], where the gain matrix is 

derived by minimizing a cost function 
 

𝐽 = ∫ (𝑧𝑇𝑄𝑧 + 𝐹𝑐
𝑇𝑅𝐹𝑐)𝑑𝑡

∞

0

 (15) 

 

and considering the system dynamics (see Equation 13). The gain matrix is computed by 

solving the associated Riccati equation once defined the Q and R weighting matrices. 
 

 
Figure 4 – Placement of the piezo-patch actuators for controlling the panel Transmission Loss. 

1

2 3
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In this work the LQR algorithm is applied with the aim of improving the 

Transmission Loss of the plate to an incoming perpendicular acoustic plane wave in the 

low frequency range (1-1000 Hz), where other passive solutions are less effective. 

For the considered case, 4 piezo-patch actuators are placed on the panel as shown 

in Figure 4 and included in the model while, for the sake of simplicity, a direct feedback 

of the states is here considered. The design of the LQR control has been performed 

considering the first 72 modes covering the frequency range up to 1 kHz. The matrices Q 

and R are set to 
 

𝑄 = 𝑑𝑖𝑎𝑔([1 × 1012 ⋯ 0 1 × 1012 ⋯ 0]) 

𝑅 = 𝑒𝑦𝑒(4) 
(16) 

 

where R is the 4-by-4 identity matrix and Q has two equal sequences of 72 

elements linearly decreasing from 1 × 1012 to 0. This way, the matrix Q aims at 

controlling mainly the lower frequency modes whereas in R all actuators are have the 

same weight. Once the gain matrix is computed, the full system is simulated accounting 

for the normal incident pressure wave disturbance. Figure 5 shows the comparison 

between the Transmission Loss for the passive and the controlled system. 
 

 
Figure 5 – Transmission Loss for the passive and controlled (LQR) panel in case of normal incident 

planar pressure waves. 
 

It can be observed that a marked improvement is obtained for the controlled case 

at low frequency, especially around the first mode at 20Hz, where the TL is increased by 

20 dB. An improvement of the performances is obtained up to approximately 200 Hz 

while the behaviour is similar to the passive case for higher frequencies, with a minimum 

effect of control spillover. 

5. CONCLUSIONS 

In this paper an active control solution, which aims at enhancing the sound 

Transmission Loss (TL) of lightweight panels, has been investigated. A numerical model 

of the panel, predicting the TL up to 10 kHz, has been implemented and validated against 

experimental data. The control law, based on the LQR algorithm, has been tuned in order 

to maximize its effects in the low frequency range, where passive solutions are generally 

less effective. A significative improvement in the panel performances has been observed 

up to 200Hz. 
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